CCM Measures for AHU Systems

Air handler systems normally condition and distribute air inside buildings. A typi-
cal AHU system consists of a combination of heating and cooling coils, supply and
return air fans, filters, humidifiers, dampers, ductwork, terminal boxes and associ-
ated safety and control devices, and possibly an economizer. As the building load
changes, AHUs change one or more of the following parameters to maintain build-
ing comfort: outside air intake, total air flow, static pressure, supply air tempera-
ture, and humidity. Both operating schedules and initial system set up, such as total
air flow and outside air flow, significantly impact building energy consumption and
comfort. This chapter presents 10 major CC™ measures used to optimize AHU op-
eration and control schedules:

Adjust total air flow for constant air volume systems

Set minimum outside air intake correctly

Improve static pressure set-point and schedule

Optimize supply air temperatures

Improve economizer operation and control

Improve coupled control AHU operation

Valve off hot air flow for dual duct AHUs during summer
Install VFD on constant air volume systems

Install airflow control for VAV systems
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Improve terminal box operation

4.1 Adjust Total Air Flow and Fan Head for Constant Air Volume
Systems

Airflow rates are often significantly higher than required in buildings primarily due
to system over-sizing. In some large systems, an oversized fan causes over-pres-
surization in terminal boxes. This excessive pressurization is the primary cause of
room noise. The excessive air flow often causes excessive fan energy consumption,
excessive heating and cooling energy consumption, humidity control problems and
excessive noise in terminal boxes [Liu, et al. 1999].

For constant volume systems, excessive air flow can be identified using one of the
following methods:

» Measure zone supply air temperatures under peak building load conditions. If
the zone supply air temperature (T, - the temperature in the duct down stream
of the reheat coil and ahead of the diffuser for a single duct system or the
temperature down stream of the terminal box and before the diffuser for a dual
duct system) of the average zone is more than 2°F higher than the design
supply air temperature (T, - the temperature specified by the designer as the
required system supply air temperature leaving the fan or the cooling coil), the
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Equation 4-1
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actual air flow is higher than required by the thermal load. The airflow
reduction ratio (o) can be determined by equation 4-1, where T is the room
return air temperature. The new fan speed should be (1-a) times the existing
fan speed.

T-T.

T, —T.
» Measure actual air flow and compare with the design airflow rate. If the air

a=1

flow rate is higher than the design value, the air flow can be adjusted to the
design value. Experience shows that evaluating the actual air flow required
in the space will find that most zones will function properly with 80% of the
design flow due to system over-sizing and load diversity factor. The new fan
speed is (cfm /cfm ) times the current speed.

Excessive fan head for single duct systems can be identified using one of the follow-

ing methods:

» Select remote terminal boxes that have the longest duct runs from the supply
air fan or that have the maximum damper open positions

» Measure the static pressure at the front of the remote terminal boxes and select
the lowest value as (p )

> Force the most remote terminal box (where p_ is measured) damper to the 95%
open position by adjusting balancing damper

» Measure the static pressure at the front of the most remote terminal box again
(P,

> Calculate the potential static pressure reduction using p_-p,

For dual duct constant air volume systems. the following procedures are

recommended:

» Select remote terminal boxes which have the longest duct runs from supply air
fan or which have the maximum cold air damper open positions

» Force the zone to full cooling using the zone thermostat. Measure the cold air
static pressure in front of the selected remote terminal boxes and determine
(p,)-

> Force terminal box cold air damper where p, was measured to the 95% open
position by adjusting balancing damper

» Measure the cold air static pressure at the front of the remote terminal box
again (p,)

> The potential static pressure reduction is calculated as p_-p,

If the static pressure at the most remote terminal box is higher than necessary, the
new fan speed can be determined based on the potential static pressure reduction
(p.-p,) and the fan curve. Figure 4-1 presents the procedure. Locate the fan working
point first. The new working point is (p,-p,) down from the existing working point.
Identify the new fan speed from the fan curve. This method is conservative since the
air flow is often lower than the current value after fan head reduction. This airflow



reduction is directly associated with terminal box leakage that is reduced by the
pressure reduction. It will not cause comfort problems.
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Figure 4-1. Determining New Fan Speed Using Measured Fan Head Reduction and Fan Performance Curve

The airflow reduction can result in significant fan energy savings and reduced noise
level. The following tips will help the implementation process:

» VFD or New Pulley: The fan speed can be changed by modifying the fan

pulley or using a variable frequency drive. A VFD is generally recommended. The
installation of a VFD allows further refinement of fan speed and slowing of the
AHU during nights and weekends. The additional savings can generally offset
the VFD cost within two years. In some cases, changing fan pulleys is more
attractive because it avoids the VFD power loss and the cost is much lower.

» Air Circulation and Thermal Comfort: For hospitals and similar facilities, air

flow must satisfy both air circulation and thermal comfort requirements. Make
sure that any airflow reduction will not violate ventilation code requirements.
» Sequence of Implementation: Before reducing fan speed, existing mechanical

problems should be addressed at the zone level. If a zone lacks air due to
distribution problems such as a kinked flex duct or a damper stuck closed,
solve these distribution problems first. After these air balance problems are
solved at the zone level, the fan speed adjustment can be performed.

» Readjustment of Outside Air Flow: For most existing systems, the minimum out
side air damper position should be adjusted after adjusting total air flow. Make
sure that the minimum outside air intake satisfies IAQ requirements. See next

section for details.

More information can be found in “Continuous Commissioning®™ of a Hospital
Complex” [Wei et al. 2001].

EXAMPLE:
The Materials Research Institute (MRI) Building in State College, Pa., has 50,000
square feet of floor area that includes offices, laboratories and classrooms.

Figure 4-1
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Figure 4-2
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Figure 4-2. The Materials Research Institute Building in State College, Pa.

There are three major AHUs in the building. AHU1 is a DDVAV unit with inlet
guide vanes and supplies air to the offices in the building. AHU3 and AHU4 are
100% outside air dual duct constant volume units that supply air to the laboratory
areas in the building.

The minimum static pressure was measured to be 2.68 in. H O at the entrance to
the last terminal box. Pulley sizes on AHU3 and AHU4 were reduced to lower the
static pressure to approximately 1.0 in. H,O. A number of other measures were also
implemented in the summer of 1998.

Figure 4-3 compares the monthly gas and electricity consumption before and after
implementation of fan pulley changes and other CCS™ measures in the MRI building.
Utility bill analysis showed a 40% reduction in annual gas use with a cost savings
of $52,382/yr. The annual electricity use was reduced by 12% with cost savings of
$34,250/yr. The total annual cost savings were $86,632/yr, or 21% of the total utility
cost.
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Implementation of cCM Measures

4.2 Set Minimum Outside Air Intake Correctly

Outside air intake rates are often significantly higher than design values in exist-
ing buildings due to lack of accurate measurement, incorrect design calculation and
balancing, and operation and maintenance problems. Excessive outside air intake is



often directly caused by one or more of the following:

» Mixed air chamber pressure is lower than the design value. For example,
the static pressure often varies from —0.2 in. H,O to ~1.0 in. H,O when the
design assumed —0.1 in. H,O or higher.

» Significant outside air leakage through the maximum outside air damper on
systems with an economizer. Due to the large size of this damper, the air
leakage can be significant.

» Minimum outside air intake is set using minimum total air flow for a VAV
system. For most existing systems, the minimum outside air damper position
is set at a fixed position. When the total air flow is higher than the minimum
system flow, the pressure in the mixed air chamber becomes more negative.
Consequently, the outside air intake is higher than the minimum required when
total air flow is higher than the minimum air flow.

» Lower than expected/designed occupancy. For example, the outside air intake
is often determined based on space peak occupancy schedule. However, when
a meeting is held in a conference room, several offices are not occupied. It is
estimated that 10% or more of the occupants will not be present in their
working place at any given time due to travel, meetings, vacations or sick
leave. Hence the minimum outside air flow is often significantly over-
designed.

The excessive outside air intake consumes a significant amount of extra heating and
cooling energy. Each extra cfm of outside air intake typically costs from $1 to $3
per year depending on location and energy cost. If there is too much outside air, the
AHU may lose the ability to control room humidity and temperature.

Excessive outside air intake can be identified by one of the following methods:

» Measure CO, level of the return air for critical zones. For a typical office
building under normal occupied conditions, the return air CO, level should
be 500 ppm to 600 ppm higher than the outside air CO, level when minimum
design outside air is used. If the CO, level of return air increases by less than
500 ppm under normal occupancy, it indicates excessive outside air intake.
Do not apply this criterion during economizer cycle operation.

» Measure outside air intake and compare with the design value. If a section of
straight ductwork carries the outside air, a direct flow measurement is
recommended. The airflow measurement may also be performed using turbine
flow sensors in the inlet of the outside air intake grilles. However, this
measurement should be performed when wind speed is lower than 15 FPM.

» Measure air flow indirectly using temperature measurements. In most cases,
the outside air intake goes directly or almost directly into the mixing chamber.
Therefore, outside air flow is determined using measured total air flow and
temperatures (mixed, outside and return):

T,-T
CFM,, = CFM, —»—~_
. To,a_Tr

Equation 4-2
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This method can be used only when the temperature difference between return and
outside air is greater than 10°F. To improve the measurement accuracy, one probe
should be used to measure all temperatures. Be cautious about using control system
sensors for these measurements. The typical measurement errors of control sensors
are +1.5°F, which will, in many cases, significantly lower the accuracy of the out-
side air flow determined. The location of the sensors may also cause problems. The
return air temperature sensor must be located on the discharge side of the return air
fan. The mixed air temperature sensor must be located before the supply air fan. The
temperature measurement methods must ensure true average temperature.

Minimum outside air control can be implemented using one of the following meth-

ods:

» For constant air volume systems, the minimum outside air intake should be
adjusted using the outside air damper. After adjusting the outside air
damper position, the air flow should be measured again to verify the flow. A
seasonal inspection and adjustment is suggested since the air leakage through
the maximum outside air dampers changes significantly after economizer
operation.

» For VAV systems, the outside air damper position corresponding to correct
minimum flow should be determined at both the minimum and the maximum
total air flows. The minimum outside air damper position can be modulated
between these two positions when the total air flow varies from the minimum
to the maximum value.

» For VAV systems, where the minimum outside air damper is not controlled
by an independent actuator, the following action can improve outside air
control and minimize excessive thermal energy consumption associated with
outside air intake:

v" Set the minimum outside air intake position when the building is normally
occupied and the outdoor temperature is about 65°F

v" Reset static pressure to a lower value when the total air flow is lower than
the design value. Decrease the static pressure from the design value to 50%
of the design value as the total air flow decreases from 100% to 70%. For
example, assume the design static pressure set point is 1.2 in. H,O at
maximum air flow. When the AHU air flow is 70% of the design value,
the static pressure would be reset to 0.6 in. H,O.

The minimum outside air requirement actually depends on both occupancy and
building exhaust air flow. The outside air requirement decreases as the number of
occupants decreases. However, the outside air intake must be slightly higher than
the common exhaust air flow in order to maintain positive building pressure. Dy-
namically adjusting outside air intake based on the occupancy can result in signifi-
cant building energy savings while maintaining satisfactory indoor air quality. The
optimal outside air control (demand control) can be implemented using one of the
following methods:



> Install CO, sensor(s) to measure return air or representative zone CO, level.
Modulate the outside air damper to maintain the set point. When this method
is used, a low limit must be set to make sure that the outside air intake is higher
than the common exhaust air flow.

» Develop an outside air damper reset schedule based on the time of the day. The
occupancy level has a strong correlation with the day of the week and the time
of day. When occupancy information is available, a damper schedule can be
developed and implemented using the building automation system.

EXAMPLE:

The Starr Building in Austin, Texas, is a typical older state government office build-
ing. It consists of a three-story section and a six-story section with a combined floor
area of 99,000 ft>. The HVAC systems included two 175-ton hermetic centrifugal
chillers, two 2.4 MMBtu/hr gas fired boilers and four multi-zone AHUs.

Due to excessive negative pressure in the mixed air chambers, the building outside
air intake (79,950 cfm) was nine times higher than the required minimum outside
air intake (9,000 cfm). Due to a number of control problems, the total air flow
(140,700 cfm) was 25% higher than the design value (112,225 cfm) and 53% higher
than the required value (92,130 cfm).

The excessive outside air and total air flows caused significant building comfort
problems as well as substantial energy waste. Since 1985 the building had experi-
enced garage air backflow into the building though AHUs, high room temperatures
in numerous rooms, high relative humidity (up to 80%) during summer, cold rooms
during winter, and high building positive pressure.

After adjusting both outside air flow and total air flow to the required level, the
building comfort problems were solved. Significant energy savings were also
achieved. Table 4-1 compares the measured room temperature, relative humidity,
and CO, level in 18 pre-selected rooms before and after outside air and total air-
flow reduction. After implementing airflow reduction, the building comfort was
controlled properly. The maximum room relative humidity decreased from 69% to
55%. The building positive pressure decreased from 0.1 in. H,O to 0.02 in. H,O.

Table 4-1. Comparison of Room Comfort Parameters Before and After ccM Implementation

Condition Before CC After CC
Room CO2 Level 400 - 500 ppm 650 - 800 ppm
Room Temperature 67 -74.5°F 7275 °F
Room Relative Humidity 58% - 69% 50% - 55%
Building Positive Pressure 0.1'in. H,O 0.02 in. H,0

Note: The ambient air temperature was 88°F on June 8, 1995 when the prc-CCSM test was performed. The ambient

temperature was 99°F on June 14, 1996 when the post CCM fest was performed.

Table 4-1
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Figure 4-4

Figure 4-5
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Figure 4-4 compares the measured monthly average hourly electricity consumption
before and after the implementation of the CCS™ measures. The simple linear regres-
sion model shown was created based on the measured data. When the ambient tem-
perature was low, the post-CCM electricity consumption was higher than that of the
pre-CC™ period due to the reduced outside air flow. When the ambient temperature
was high, the post CCM electricity consumption was significantly lower than during
the pre-CCSM period. The measured electricity demand savings were 90 kW when
the ambient temperature was 85°F.
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Figure 4-5 presents the measured monthly average hourly heating energy consump-
tion versus the monthly average ambient temperature. Regression models of the data
are also presented. The measured heating energy savings varied from 0.1 MMBtu/hr
to 0.7 MMBtu/hr when the monthly average hourly temperature was between 75°F
and 52°F. The measured gas savings varied from 0.12 MMBtu/hr to 0.88 MMBtu/hr
when the monthly average hourly temperature varied from 75°F to 52°F.
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Figure 4-5. Measured Heating Energy Consumption Versus the Monthly Average Hourly Ambient Temperature



The measured annual energy savings are 4,940 MMBtu/yr which includes 1,640
MMBtu/yr of electricity savings and 3,300 MMBtu/yr of gas savings. The annual
energy use index decreased from 150,800 Btu/ft?/yr to 101,000 Btu/ft>/yr. More
detailed information can be found in “An O&M Story in An Old Building” [Liu et
al. 1996].

4.3 Improve Static Pressure Set Point and Schedule

The supply air static pressure is often used to control fan speed and ensure adequate
air flow to each zone. If the static pressure set point is lower than required, some
zones may experience comfort problems due to lack of air flow. If the static pres-
sure set point is too high, fan power will be excessive. In most existing terminal
boxes, proportional controllers are used to maintain the airflow set point. When the
static pressure is too high, the actual air flow is higher than its set point. The addi-
tional air flow depends on the setting of the control band. Field measurements have
found that the excessive air flow can be as high as 20% [Liu et al. 1997b]. Exces-
sive air flow can also occur when terminal box controllers are malfunctioning. For
pressure dependent terminal boxes, high static pressure causes significant excessive
air flow. Consequently, high static pressure often causes unnecessary heating and
cooling energy consumption. A higher than necessary static pressure set point is
also the primary reason for noise problems in buildings.

The static pressure set point is often determined under the maximum cooling load
condition. The value may be determined by the design engineer using a theoretical
calculation or a rule of thumb. The operating staff may increase the value to “elimi-
nate” hot spots. The static pressure set point is often significantly higher than re-
quired. Accurately determining the maximum static pressure set point is critical for
both thermal comfort and fan energy consumption [Zhu et al. 1998]. The maximum
static pressure set point can be identified using the following procedures:

» Determine the maximum static pressure requirement of the terminal box. Set
the terminal box to full cooling. Modulate static pressure at the front of the
terminal box using a balance damper or VFD. When the terminal box is 95%
open, record the static pressure in front of the terminal box. This pressure is
considered to be the maximum static pressure required for the terminal box.
The measurement should be conducted for each type of terminal box if more
than one type of terminal box is used.

» Measure the duct pressure loss. Select the remote terminal box that has the
lowest static pressure at the inlet of the terminal box. Measure the static
pressure at the entrance of each remote terminal box. Pick the minimum static
pressure value measured at a remote terminal box as the terminal box static
pressure (p,). If there is more than one type of terminal box on a single AHU,
determine the minimum remote box pressure for each box type and use the
highest of these values as the terminal box static pressure (p,). Measure the
static pressure (p,) at the location of the static pressure sensor. The pressure
loss is defined as the difference between the static pressure at the static
pressure sensor and the terminal box static pressure. Make sure all dampers are
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Equation 4-3

Equation 4-4

Equation 4-5

Chapter 4 + Page 10

completely open between the static pressure sensor and the terminal box. Other
flow blockages must be removed as well. Measure air flow through the AHU .

» Determine the maximum static pressure set point. The following steps should be
followed:

v" Determine the airflow ratio (B) defined as the ratio of the measured air
flow to the maximum air flow reached at the design condition by this
AHU. Many AHUs never reach 100% design air flow, so do not assume
the maximum flow is the design flow. It may only be 70% or 80% of
the design flow.

v Calculate the maximum static pressure set point using the equation below
based on the measured terminal box static pressure requirement (p,) and
the duct pressure loss between the location of the static pressure sensor
and the remote terminal box (p_-p,)

Poow =P +—5(p.—1,)

1

B 2
The maximum static pressure determined by equation 4-3 will provide reliable sys-
tem operation under both peak and partial load conditions. Under partial load condi-
tions, the duct pressure losses are lower due to decreased airflow rate. If the maxi-
mum static pressure is used, the terminal box dampers must provide the pressure
drop no longer occurring in the duct. This causes higher fan power than necessary
and sometimes causes noise problems in the terminal box due to excessive pressure
drop. Therefore, the static pressure set point should be decreased when the air flow
decreases. This is called static pressure reset.

The static pressure set point, under partial load conditions, depends on a number of
parameters such as the zone load distribution and duct layout. If all zones have the
same load ratio, the static pressure set point under partial load is proportional to the
square of the airflow ratio.

2
Ps =B Prmax

If the zone load ratios are different, the static pressure set point should be higher than

the set points given by equation 4-4. The accurate determination of the set point is

a complex task. Generally, the following method can be used to determine the reset

schedule.

» Set the minimum static pressure based on the minimum air flow ratio
(determined at the minimum flow setting in equation 4-5), the maximum static
pressure value (p, .. determined from equation 4-3, and the terminal box
minimum static pressure requirement (p,). For example if the maximum static
pressure, the minimum airflow ratio and the terminal box minimum static
pressure are 1.2 in. H,O, 50% and 0.5 in. H,O respectively, the minimum static
pressure is 0.43 in. H,O. It is assumed that the terminal box will require at least
half of the minimum pressure requirement (p,) under partial air flow.

ps,min :0'5pt + ﬁminz(ps,max _pt)



» Due to the uncertainty of the duct layout and the load diversity factor, it is
recommended that the static pressure be reset linearly between p__. and p

s,max

as a function of the air flow p (cfm):

Vv,
Py =DPsmin +¢

7 v ( s,max ps,min)
max ~— "'min

When air flow is not measured, the VFD speed may be used to represent the airflow
ratio. For example, if the VFD control command is 50 Hz, the fan speed is approxi-
mately 80% of its maximum speed. The air flow can be assumed to be 80% of the
design flow. This is only an approximation due to changes in terminal box damper
positions.

When modern control systems are installed on both the AHU and terminal boxes,
the fan may be directly controlled by the damper positions in the terminal boxes.
The fan speed control should maintain at least one selected terminal box at the
maximum open position [Hartman 1989]. When all terminal boxes are function-
ing properly, this method uses the least fan power. However, when a terminal box
is malfunctioning, this method may not produce the expected savings. For example,
malfunctioning flow stations may force dampers to the full open position. The fan
will run at full speed to satisfy the requirement of these malfunctioning sensors.
Therefore, this control method should be integrated with a static pressure reset
schedule [Wei et al. 2000] to minimize the fan energy. The fan speed is modulated
to maintain one or more terminal dampers at full open position. If the static pres-
sure is lower than the reset schedule set point, modulate the fan using the damper
position. If the damper position signal modulates the static pressure to the reset
schedule set point, use the reset schedule to prevent the static pressure from going
higher.

EXAMPLE:

AHU-P2, serving the 11" floor of an M. D. Anderson Hospital facility in Houston,
Texas, is a dual duct VAV system with design air flow of 19,650 c¢fm. A VFD is
installed on the 40 hp. supply air fan. The static pressure was set at 2.5 in. H,O ac-
cording to the design specifications in May 1997.

A static pressure reset schedule was developed and implemented during the build-
ing commissioning process [Liu et al. 1998a]. Figure 4-6 presents the reset sched-
ules implemented and compares the measured values with the set points. The static
pressure is reset according to the fan speed. When the VFD speed is less than 60%,
the static pressure is set at 0.5 in. H,O. As the VFD speed increases from 60% to
90%, the static pressure set point increases from 0.5 in. H,O to 0.8 in. H O. As the
VFD speed increases from 90% to 100%, the static pressure set point increases
from 0.8 in. H,O to 1.25 in. H,O. The measured static pressure set point closely fol-
lows the reset schedule.

Equation 4-6

The fan speed
control should
maintain at least
one selected
terminal box at
the maximum
open position
[Hartman
1989]. When all
terminal boxes
are functioning
properly, this
method uses the
least fan power.
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Figure 4-6
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When the VFD speed is less than 60%, the static pressure set point reduction is 2.0
in. H,O or 80% of the initial set point. As the VFD speed increases from 60% to
80%, the static pressure set point reduction decreases from 80% to 68%. The VFD
speed is rarely higher than 90%. The static pressure reset saves about 68%-75% of
the annual fan power.
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Figure4-6.Optimal Static Pressure Reset Scheduleand Measured Static Pressure Versusthe VFD Speed for AHU-P2

at the CSF Building, M.D. Anderson Cancer Center, Houston, Texas

4.4 Optimize Supply Air Temperatures

Supply air temperatures, cooling coil discharge air temperature for single duct sys-
tems or cold deck and hot deck temperatures for dual duct systems, are the most
important operation and control parameters for AHUs. If the cold air supply tem-
perature is too low, the AHU may remove excessive moisture during the summer
using mechanical cooling. The terminal boxes must then warm the over-cooled air
before sending it to each individual diffuser for a single duct AHU. More hot air is
required in dual duct air handlers. The lower air temperature consumes more ther-
mal energy in both systems. If the cold air supply temperature is too high, the build-
ing may lose comfort control. The fan must supply more air to the building during
the cooling season; therefore fan power will be higher than necessary. The goal of
optimal supply air temperature schedules is to minimize combined fan power and
thermal energy consumption or cost. Although developing optimal reset schedules
requires a comprehensive engineering analysis, improved, near optimal, schedules
can be developed based on several simple rules. Guidelines for developing improved
supply air temperature reset schedules are provided below for four major types of
AHU systems.

For single duct, constant air volume systems, the following guidelines are

recommended:

» Maintain the supply air temperature no higher than 57°F if the outside air
humidity ratio is higher than 0.009 or the dew point is higher than 55°F. This
is required to properly control room humidity level. Both humidity ratio and
dewpoint can be determined using dry bulb temperature and relative humidity



data. Most building automation systems can calculate humidity ratio and

dewpoint temperature. The psychrometric chart can also be used to determine

the humidity ratio and the dew point.

When outside air humidity ratio is lower than 0.009, the supply air temperature

can be reset to a higher temperature using one of the following parameters:

outside air temperature; minimum reheat valve position; or return air

temperature.

v' The supply air temperature is often linearly reset using outside air
temperature. A reset schedule that may be used as a convenient starting

point is

t = 65°F ift <30°F

t =[55+0.333(60 -t )] °F if 30°F <t _< 60°F
t = 55°F ift > 60°F

If you wish to determine a more aggressive reset schedule, the following
procedure may be used.

t.=Min (65°F, t —o(t,,  —t.) whent <t
t=t, whent >t

N

1

t,is the design supply temperature, typically 55°F. As noted, the supply
temperature is maintained at this value when outside air temperature is
high enough that humidity levels above approximately 0.009 are likely to
occur.

t . s often selected as S5°F in humid climates and increases to 65°F in

oa.l”

relatively dry climates. When outside air temperatures are below t_,
supply air temperature reset to higher temperatures will not impact

room humidity control.

t,is the supply air temperature set point determined by the sensible load at
t .- The supply temperature begins to increase as t  decreases below t_ |
until it reaches 65°F and is maintained at 65°F for lower outside air
temperatures.

A field measurement should be performed when the outside air tempera-
ture is at t , to determine the optimal supply air temperature t. Under
normal occilpancy conditions, increase the supply air temperature
gradually until at least one reheat valve is fully closed. This supply air
temperature is t,.

The same measurement can be performed to determine the optimal supply
air temperature (t,) at an outside air temperature (t_,) at least 10°F below

(toa,l)'

The reset rate ¢ is then determined as:

Equation 4-7

Equation 4-8
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Equation 4-9
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Iy =t
2 1
¢ =———

toa,2 _toa,l

Note that ¢, as defined in equation 4-9, will be negative. t, is often sign-
ificantly higher than 55°F and the control must be properly set to avoid
unstable switching between t and t, when the outside air temperature is
near t_,. When the outside air temperature is higher than t_ |, the supply
air temperature is based on the need for dehumidification. When the
outside air temperature is lower than t_ |,
based on the sensible load. Resetting the supply air temperature to a higher

the supply air temperature is

value, such as t, can reduce reheat without humidity control problems.

v The supply air temperature may be reset using the minimum reheat valve
position. The supply air temperature should maintain at least one reheat
valve in the closed position. If all reheat valves are open, the supply air
temperature should be increased and vice versa. When this method is used,
high and low limits should be used to prevent incorrect set points caused
by a faulty control valve.

v The supply air temperature may also be reset using the return air temperature
when all room temperatures are controlled and monitored by the central
control system. If occupants can change room temperature set points, this
method should be combined with the reset schedule defined above. This
method can only be used when the outside air temperature is lower than
60°F or another value of t | is determined above to be a suitable starting
temperature for increasing the supply temperature.

For single duct VAV systems, the following guidelines are recommended:

» Maintain the air temperature no higher than 57°F if the outside air humidity
ratio is higher than 0.009 or the dew point is higher than 55°F. Both humidity
ratio and dew point can be determined using dry bulb temperature and relative

humidity data. Most building automation systems can calculate humidity ratio
and dew point temperature. The psychrometric chart can also be used to
determine the humidity ratio and the dew point.

» Maintain the supply air temperature no higher than 57°F if the fan air flow is
higher than 70% of the air flow under the maximum load conditions. This is
often significantly smaller than 70% of the design air flow. When the air flow
is higher than 70%, increased air flow has a significant impact on fan power.
For example, resetting the supply air temperature from 55°F to 57°F can
potentially increase the air flow by 10%. This will increase fan power from
34% to 51% of the maximum value.

» When the outside air humidity ratio is lower than 0.009 and the air flow is
lower than 50%, the supply air temperature can be modulated to maintain total
airflow at 50% or lower. If the air flow is lower than 50%, the supply air
temperature can be increased. However, the supply air temperature must be
lower than a high limit, which can be set to 65°F. When static pressure reset is
applied, the air flow ratio can be estimated using the supply air fan speed ratio.



More detailed information on these procedures can be found in “Optimize the Sup-
ply Air Temperature Reset Schedule for Single Duct VAV Systems” [Wei et al.
2000a].

For dual duct constant air volume systems, the following guidelines are
recommended:

» When the mixed air temperature is lower than the cold deck set point, set the
hot deck temperature based on zone comfort requirements. Set the cold deck
temperature at the mixed air temperature. In theory, the hot deck set point has
no impact on thermal energy consumption. However, a higher hot deck
temperature may cause higher thermal energy consumption due to hot air
leakage in interior zone terminal boxes. Therefore, the hot deck temperature
should be set as low as possible provided the room comfort is maintained
properly.

» When the mixed air temperature is higher than the hot deck temperature set
point or the heating coil is shut off, set the cold deck temperature at the design
value (55°F). Resetting the cold deck temperature higher does not reduce
cooling energy consumption.

» When the mixed air temperature is between the cold and hot deck temperature
set points, the reset should narrow the difference between the cold and hot deck
temperatures. The closer the cold and hot deck temperatures, the lower the
thermal energy consumption. However, setting the hot deck too low or the cold
deck too high can cause building comfort problems. Therefore, the following
suggestions are given:

v" Reset the cold deck temperature using the same procedure as used for the
constant air volume single duct system:

t.=Min (65°F, t —o(t,, —t ) whent <t

t=t, whent >t

provided the mixed air temperature, t_ is greater than t .

t, is the supply air temperature set point determined by sensible load when
1+ L, 18 often selected as 55°F for humid
climates and increases to 65°F for relatively dry climates. The field
measurement that determines t, is slightly different from that for the single
duct system. Under normal occupancy conditions, increase cold deck
temperature gradually until at least one hot air damper is fully closed.
The cold air temperature is now at t. The same measurement can be
performed to determine the optimal supply air temperature (t,) at
another outside air temperature (t , ,) at least 10°F below (t ).

1

the outside air temperature is t

The reset rate ¢ is then determined as:

Equation 4-10

Equation 4-11
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When minimum
air flow is
reached under
low load
conditions, hot
air mixes with
cold air to satisfy
the minimum
airflow
requirement.
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It is recommended that the discussion for the single duct system be read
before implementing this schedule for a dual duct system. It contains
additional detail that may be helpful.

v" The cold deck supply air temperature may be reset using the maximum
cold air damper position of the terminal boxes. If the maximum cold air
damper position is less than 100% open, the cold deck temperature should
be increased and vice versa. The cold air temperature should be limited to
less than 65°F. This method can only be used when the outside air
temperature is lower than t described above.

v" Reset the hot deck temperature based on outside air temperature. The hot
deck temperature should not be higher than 75°F when the outside air
temperature is 70°F or higher. The supply air temperature should be
determined through testing under typical local winter conditions. Under
typical local winter conditions, adjust the hot deck temperature until the
supply air temperature of one zone approaches within 2°F of the hot air
temperature (t, ). The hot deck temperature should be reset linearly
between 75°F and t, e @S the outside air temperature decreases from 70°F
to typical local winter conditions.

» For dual duct variable air volume systems, the cold and hot deck resets should
consider both thermal and fan power. The optimal temperature reset schedules
should minimize total air flow when the building cooling load or heating load
requires more than the minimum airflow ratio. When minimum air flow is
reached under low load conditions, hot air mixes with cold air to satisfy the
minimum airflow requirement. To minimize thermal energy consumption, the
difference between the cold and hot deck temperatures should be minimized.

The following guidelines are recommended for dual duct VAV systems:

» When the outside air temperature is higher than approximately 70°F, set the
cold deck temperature at the design value (55°F) and shut off the hot deck
control valve. Since the building has significant cooling load, this cold deck
temperature set point will decrease the total air flow and save fan power.

» When the outside air temperature is lower than 70°F but higher than 55°F, set
the cold deck temperature at 55°F and set the hot deck temperature in a range of
75°F to 80°F.

» When the outside air temperature is lower than 55°F, reset the cold and hot
deck temperature to keep at least one hot damper and one cold damper fully open.
If the damper positions are not available, the reset schedule for the dual duct
constant air volume system can be used.

More information can be found in “The Maximum Potential Energy Savings from
Optimizing Cold and Hot Deck Reset Schedules for Dual Duct VAV Systems [Liu
and Claridge 1999], “Impacts of Optimized Cold and Hot Deck Reset Schedule On



Dual Duct VAV Systems-Theory and Model Simulation” [Liu and Claridge, 1998],
“Impacts of Optimized Cold and Hot Deck Reset Schedule On Dual Duct VAV Sys-
tems-Application and Results” [Liu et al. 1998b] and “Reducing Building Energy
Cost Using Optimized Operation Strategies for Constant Air Volume Systems”
[Liu et al. 1995].

EXAMPLE:

Optimal cold and hot deck reset schedules were implemented in a major engineer-
ing education building with 324,400 square feet of gross floor area located on the
Texas A&M Campus in College Station, Texas. The building houses classrooms,
laboratories, computer facilities and offices. There are also clean rooms for solid
state electronics studies. The building is open 24 hours per day and all AHUs oper-
ate 24 hours daily to satisfy fume hoods, late-night studying, research activities and
computer facility operations.

There are 12 dual-duct variable air volume systems, each with a single supply air
fan (12-40 hp.) installed in the basement to serve about 90% of the total building
floor area. These 12 AHUs are spaced uniformly around the exterior wall. Each
AHU has two risers from the basement to the third floor and serves approximately
the same amount of area on each floor.

The building has a total of 384 terminal boxes. The zone load varies significantly
from zone to zone due to occupancy, usage and exterior envelope load. Some of the
terminal boxes serve only interior space. The total maximum air flow was deter-
mined to be 240,789 cfm, or 1.00 cfm/ft?, for the net usable floor area. The mini-
mum airflow ratio varied from 0.3 to 0.7 with an average of 0.4.

The building used a constant cold deck temperature set point, even though it varied
from 52°F to 55°F from one AHU to another. The hot deck set point varied from
110°F to 80°F as the outside air temperature increased from 40°F to 65°F.

The improved cold and hot reset schedules were determined using a calibrated
simulation model [Liu et al. 1998b]. The improved cold deck temperature varies
from 60°F to 54°F as the ambient temperature increases from 55°F to 90°F. The set
point of the hot deck varies from 90°F to 70°F as the ambient temperature increases
from 55°F to 70°F. When the ambient temperature is higher than 70°F, the set point
of each hot deck will force the hot water valve closed and the hot deck temperature
will be at the mixed air temperature. Generally speaking, the building needs cool-
ing when the outside air temperature is higher than 60°F. Therefore, the hot deck
temperature at 70°F will not cause cold complaints. When a cold complaint occurs,
it often indicates a malfunctioning terminal box, such as a cold air damper stuck
open. The hot air temperature set point is often determined by a single zone, such as
a corner office with many windows. Other CCSM measures were also implemented
in this building, but the reset schedules had the greatest impact on energy use.

When the ambient
temperature is
higher than 70°F,
the set point of
each hot deck

will force the hot
water valve closed
and the hot deck
temperature will
be at the mixed
air temperature.
Generally
speaking, the
building needs
cooling when

the outside air
temperature is
higher than 60°F.
Therefore, the hot
deck temperature at
70°F will not cause
cold complaints.
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Figure 4-7

Chapter 4 « Page 18

Figure 4-7 compares the measured daily average chilled water energy consumption.
Before the implementation of the improved reset schedules, the measured daily av-
erage chilled water consumption (per hour) varied from 2.4 to 7.5 MMBtu/hr. After
implementation of the improved reset schedule, the measured hourly daily average
chilled water energy consumption varied from 0.9 to 7.5 MMBtu/hr. Simultaneous
heating and cooling has been reduced significantly when the daily average tempera-
ture is lower than 75°F.
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Figure4-7. Comparisonof Measured Daily Average Chilled Water Consumption Beforeand A fter Implementation of
the Optimal Hot and Cold Deck Temperature Reset Schedules

4.5 Improve Economizer Operation and Control

An economizer is designed to eliminate mechanical cooling when the outside air
temperature is lower than the supply air temperature set point and decrease mechan-
ical cooling when the outside air temperature is between the cold deck temperature
and a high temperature limit or return air conditions, typically less than 70°F. An
economizer should control the supply-air temperature by modulating the o/a damper
when the o/a temperature is lower than supply-air temperature set point. However,
economizer control is often implemented to maintain mixed air temperature at 55°F.
This control algorithm is far from optimum. It may, in fact, actually increase the
building energy consumption. Economizer operation can be improved using the fol-
lowing steps:

» Integrate economizer control with optimal cold deck temperature reset. It is
tempting to ignore cold deck reset when the economizer is operating, because
the cooling is free. However, cold deck reset normally saves significant heating.

» For a draw-through AHU, set the mixed air temperature 1°F lower than the
cold deck temperature set point. For a blow-through unit, set the mixed air
temperature at least 2°F lower than the supply air temperature set point. This
will eliminate chilled water valve hunting and unnecessary mechanical cooling.

» For a dual duct AHU, the economizer should be disabled if the hot air flow is
higher than the cold air flow because the heating energy penalty is then typically
higher than cooling energy savings.



» Set the economizer operating range as wide as possible. For dry climates, the
economizer should be activated when the outside air temperature is between
30°F and 75°F, between 30°F and 65°F for normal climates and between 30°F
and 60°F for humid climates. When proper return and outside air mixing can
be achieved, the economizer can be activated even when the outside air
temperature is below 30°F.

» Measure the true mixed air temperature. Most mixing chambers do not achieve
complete mixing of the return air and outside air before reaching the cooling
coil. It is particularly important that mixed air temperature be measured
accurately when an economizer is used. An averaging temperature sensor
should be used for the mixed air temperature measurement.

» Use the economizer to directly control supply air temperature when the outside
air temperature is lower than the cold deck set point. The chilled water valve
should be closed to avoid damper and valve fighting. The mixed air chamber
pressure should also be monitored to prevent freezing.

More detailed information on economizer control and optimization can be found in
“Economizer Application in Dual-Duct Air Handling Units” [Joo and Liu 2002].

EXAMPLE #1:

Economizers were set to control mixed air temperature at 55°F for a major univer-
sity, located in central Pennsylvania, with approximately 20 million square feet of
floor area. Observations and field measurement indicated that, on average, none of
the zones required the 55°F air supplied by the economizer to handle the internal
gains when the outdoor temperatures were below 55°F. Thus, it was suggested that
the mixed air temperature set point be increased to 60°F during the fall, winter
and spring months, which our testing indicated was the lowest required supply air
temperature under those conditions. It was recommended that the cold deck tem-
perature be reset to the mixed air temperature. This change eliminated the need for
the zone terminal units to reheat the air from 55°F to 60°F during these months,
essentially saving 5°F of reheat for all hours that the system operated during these
months. The savings were estimated to be 490,000 MMBtu/yr (20 million ft>x7
month/yr x 30 day/month x 24 hr/day x 0.9 cfm/ft*> x 60 min/hr x 5°F x 0.24 Btu/
IbmF x 0.075 Ibm/ft®). At a heating energy cost of $5/MMBtu to the end user, the
annual energy cost reduction was estimated to be $2,450,000/yr.

EXAMPLE #2:

The Nursing Building, located in Austin, Texas, is a five story building with 95,000
square feet of floor area. It includes nursing classrooms, lecture halls, workshops,
lounges and faculty offices. In 1991, VFDs were installed in two dual-duct AHUSs
(100 hp. each). Terminal boxes were converted into VAV boxes. As part of the ret-
rofit, economizers were installed as well. During the winter of 1991/1992, the fan
power was five times higher than the summer fan power consumption. The HVAC
systems were unable to maintain the room temperature set point in many rooms.
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Figure 4-8

Figure 4-9
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In the winter of 1992/1993, the steam pressure was increased and the steam supply
pipe was enlarged. The same problems continued with $2,000 of additional energy
cost. Prior to performing CCSM, a field inspection and engineering analysis found
that the hot deck air flow was three times the cold deck air flow. The recommenda-
tion was to disable the economizer. In the winter of 1993-94, two economizers were
disabled. The fan power was kept below 40 kW. Steam consumption was decreased.
The chilled water consumption increased slightly. The comfort problems disap-
peared. The annual energy cost savings were measured to be $7,000/yr.

Figures 4-8, 4-9 and 4-10 present the hourly fan power, heating and cooling energy
consumption from August 1991 to March 1994. More detailed information can be
found in “An Advanced Economizer Controller for Dual Duct Air Handling Systems
with a Case Study” [Liu et al. 1997a].
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4.6 Improve Coupled Control AHU Operation

Coupled control is often used in single zone single duct, constant volume systems.
Figure 4-11 presents the schematic diagram of a typical system. Conceptually, this
system provides cooling or heating, as needed, to maintain the set point tempera-
ture in the zone. It uses simultaneous heating and cooling only when the humidistat
indicates that additional cooling, followed by reheat, is needed to provide humidity
control. However, the humidistat is often disabled for a number of reasons. To con-
trol room relative humidity level, overlap the control signals or spring ranges (See
Figure 4-12). Simultaneous heating and cooling occurs almost all the time. Liu and
Wang discuss the detailed optimization of this system [2001]. The key elements are
listed below:

» Locate the humidistat in an appropriate position. Avoid placing it above the
ceiling or near a bathroom. Due to the local humidity environment, the
humidistat often calls for full cooling even when the room relative humidity
level is low.

» Set the humidity level properly. Most humidistats have three set points: low,
medium and high. For commercial building applications, the low level should
be avoided except in dry or heating dominated climates. The low setting is
equivalent to 30% room relative humidity. It is impossible to reach this value in
humid climates even when the cooling valve is full open.

» If the humidistat is disabled, repair is recommended. After the humidistat is
repaired, a dead band (2 psi) should be set between actuation of the hot water
and chilled water control valves for humid climates. For dry climates, the dead
band is not necessary.

» If a humidistat cannot be installed, the overlap should be less than 20% of the
valve spring range. The following water side management measures should be
implemented:

Figure 4-10

To control room
relative humidity
level, the control
signals or
spring ranges
are overlapped.
Simultaneous
heating and
cooling occurs
almost all the
time.
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Figure 4-11

Figure 4-12
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Manually valve off heating water during the summer if heating water is
supplied to the building. This will eliminate simultaneous heating and
cooling.

Manually valve off chilled water during the winter if chilled water is
supplied to the building. This will eliminate simultaneous heating and
cooling.

Maintain stable differential pressure across the control valves under partial
load conditions. Reset loop differential pressure based on chilled water or
hot water flow rate (see Chapter 5 “CC™M Measures for Distribution
Systems” for details). Excessive differential pressures in the water loops
can increase heating and cooling energy consumption by as much as 20%.
Separate chilled water and hot water valve control signals. This often
requires an added control point in the control system. Force the chilled
water valve closed during the heating season. Force the hot water valve
closed during the cooling season.
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Figure 4-11. Schematic Diagram of a Coupled Control System
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Figure 4-12. Typical Valve Overlap for a Coupled Control System



EXAMPLE:

The Memorial Student Center, located in College Station, Texas, is a multi-purpose
facility with 368,935 sq.ft. of space on three floors. The space includes cafeterias,
banquet facilities, a bookstore, student activity rooms, meeting rooms, hotel rooms,
a bowling alley, game rooms, an art gallery and other facilities. The first section of
the building was built in the 1960s with additions over the next 30 years. It has 40
AHUSs, a majority of which are coupled control units.

The building had comfort problems in a dozen areas. After solving these problems
through air balance and other measures, the following measures were implemented
in the coupled control AHUs:

» Chilled water loop differential pressure was reset based on water flow rate.
The chilled water loop differential pressure was decreased from 30 psi to a
range of 6.5 psi to 15 psi.

» Hot water temperature was reset from 180°F to 140°F since a VFD was not
installed on the hot water loop

» Overlaps of the spring ranges were adjusted and calibrated to 20%

» High selector pneumatic thermostat settings were enabled for several
multi-zone reheat AHUs

Figure 4-13 compares the measured hourly chilled water energy consumption be-
fore and after commissioning. The cooling energy consumption is plotted as a func-
tion of ambient temperature. The consumption for approximately four months prior
to implementation of the CC™ measures is shown in the open rectangles while the
consumption after implementation of the CC™ measures is shown in the open tri-
angles. Cooling consumption was reduced by approximately 32% at the same time
that comfort in the building was substantially improved. Figure 4-14 is a similar
plot of heating consumption and shows a 27% reduction in heating after the CC™
measures were implemented.
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Figure 4-13. Comparison of Chilled Water Energy Consumption Before and After Implementation of cCSM
Measures

After
implementing the
control schedules
described,

hot and cold
complaints were
significantly
reduced.

Figure 4-13
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Figure 4-14
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Figure 4-14. Comparison of Hot Water Energy Consumption Before and After Implementation of CCM Measures

4.7 Valve Off Hot Air flow for Dual Duct AHUs During Summer

During the summer, most commercial buildings do not need heating. Theoretically,
hot air should be zero for dual duct VAV systems. However, hot air leakage through
terminal boxes is often significant due to excessive static pressure on the hot air
damper. For constant air volume systems, hot air flow is often up to 30% of the total
air flow. During summer months, hot air temperatures as high as 140°F have been
observed due to hot water leakage through valves [Liu et al. 1998b]. The excessively
high hot air temperature often causes hot complaints in some locations. Eliminat-
ing this hot air flow can improve building thermal comfort, reduce fan power, cool-
ing consumption and heating consumption [Liu and Claridge 1999]. This measure
should be implemented using one of the following methods:

» Use an automatic hot air damper for single fan systems. The procedures below
should be followed:
v" Install an automatic hot air damper on the main hot air duct
v" Identify the minimum outside air temperature at which heating is not
required. Operating staff can start with 70°F and refine as necessary.

If the outside air temperature is 3°F higher than the minimum value identified above,
close the hot air damper. If the outside air temperature is 3°F below the minimum
value, open the automatic damper. It is important to set the damper cycle time prop-
erly to maintain control stability. A two-minute cycle time is suggested. On large
systems with significant air flows, significant damage can occur if the dampers
are closed or opened too quickly. Figure 4-15 illustrates pressure rise vs. time. The
static pressure can be as high as 13 in. H,O, which is high enough to damage the
ductwork.
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» Use existing fire dampers for single fan systems

v
v

v

Identify the summer period, during which heating is not needed

Manually valve off fire dampers on the hot air duct at the beginning of the
summer period

Manually open the fire dampers on the hot air duct at the end of the
summer period. The procedures should be documented properly so they
can be integrated as part of the NFPA bi-yearly fire damper inspection.
The fire damper control may also be performed automatically with
minimal effort or cost. However, the fire damper must be checked to
ensure it functions properly in case of emergency.

» Use a VFD on hot air fans for dual fan systems

v

v

Identify the minimum outside air temperature when heating is not
required. Operating staff can start with 70°F and refine as necessary.
If the outside air temperature is 3°F higher than the minimum value
identified above, turn off the hot air fan and close the discharge air
damper of the hot air fan. If the outside air temperature is 3°F below
the minimum value, turn on the hot air fan. It is important to set the
damper cycle time properly to maintain control stability. A two-minute
cycle time is suggested. A field inspection must be conducted to ensure
that the air backflow through the fan does not drive the fan to run
backward. If this occurs, either DC braking or a damper with better seals
should be used to prevent the fan from turning backward. The backward
motion of the fan could damage the VFD during the start-up process.

Figure 4-15
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EXAMPLE:

The James E. Rudder building, in Austin, Texas, is a five-story office building with
a total floor area of 170,000 sq.ft. It has two 75 hp. cold air fans on VFDs with a 50
hp. hot air fan without a VFD. Two computer rooms and a print shop are conditioned
by separate AHUs. Constant volume terminal boxes are used in the building.

Prior to CC®™, the cold air static pressure was controlled at 2.5 in. H O while the
hot air static pressure varied from 2 in. H,O to 3.5 in. H,O, depending on the build-
ing heating load. The cold deck discharge air temperature was controlled at 52°F.
The hot deck discharge air temperature varied from 90°F to 120°F as the outside
air temperature varied from 80°F to 40°F. The average building temperature was
approximately 75°F. Operating staff frequently received hot complaints during the
summer months.

The following changes were recommended after a CCSM field visit and engineering
analysis. A VFD was installed on the hot air fan. During the summer months (April
1 to October 3), the hot air fan and the hot air damper were shut off. The cold air fan
maintained the cold air static pressure at 1.2 in. H,O. The cold deck temperature was
maintained in the range from 55°F to 58°F.

During the winter months (November 1 to March 31), the hot air damper was open
and the hot air fan was turned on to maintain a static pressure of 0.7 in. H,O in the
hot air duct. The cold air static pressure was reset to 1.0 in. H,O. The cold deck dis-
charge air temperature was reset in the range from 58°F to 60°F. The hot deck dis-
charge air temperature was reset from 75°F to 95°F as the outside air temperature
varied from 60°F to 30°F.

After implementing the control schedules described, hot and cold complaints were
significantly reduced. The AHU system maintained room temperature set points
well; they vary from 70°F to 76°F, depending on occupants’ preferences. The aver-
age building temperature decreased from 75°F to 73°F. The building relative humid-
ity level was maintained between 50% and 58% during summer months.

Figures 4-16, 4-17 and 4-18 present the measured energy use for fans, heating and
cooling, respectively. The pre-conversion period was from June 15, 1995, to June 14,
1996. The post-conversion period was from June 15, 1996, to June 14, 1997.

Before implementing CCSM measures, the daily average fan power varied from 90
kW to 125 kW. After implementing CC™ measures, the daily average fan power
varied from 20 kW to 85 kW. The average measured fan power savings were 56 kW
or 53% of the average pre-conversion fan power.
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Figure 4-16. Measured Fan Power Before and After Implementing the cCM Measures Figure 4-16
Figure 4-17 shows the measured daily average chilled water consumption. Before
implementing the CCS™ measures, the daily average chilled water consumption
varied from 1.2 MMBtu/hr to 3.0 MMBtu/hr as the outside air temperature var-
ied from 40°F to 90°F. Since implementing the CC™ measures, the daily average
chilled water consumption has been reduced to a range of 0.3 MMBtu/hr to 2.0
MMBtu/hr. The measured daily average chilled water savings have averaged 0.68
MMBtu/hr or 36% of the daily average consumption (1.85 MMBtu/hr).
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Figure 4-17. Measured Chilled Water Consumption Versus the Daily Average Outside Air Temperature Figure 4-17

Figure 4-18 shows a similar plot of the measured daily average hot water
consumption. Before implementing the CCS™ measures, the measured
daily average hot water consumption varied from 0.8 MMBtu/hr to 1.8
MMBtu/hr as the outside air temperature varied from 40°F to 90°F. Since
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implementing the CCS™ measures, the daily average hot water consumption
has been reduced to the range from 0.1 MMBtu/hr to 1.5 MMBtu/hr. The
measured daily average hot water savings are 0.56 MMBtu/hr or 45% of the

pre-CC™ consumption.
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Table 4-2 summarizes the measured annual energy savings. The measured cost sav-
ings are $62,550/yr which includes $19,200/yr for chilled water, $18,670/yr for hot
water and $24,680 for electricity.

Table 4-2 Table 4-2. Summary of Measured Annual Energy Savings
Item MMBtu MWh Demand (kW/ month) Cost Percentage
(Slyr) (%)
ChilledWater 5,910 1,730 $19,200 36%
Hot Water 4,862 1,430 $18,670 45%
Fan Power 1,694 497 60 $24,680 53%
Total 12,466 3,657 60 $62,550 41%

Energy prices for electricity: $0.03470/kWh, $10.32/kW; chilled water price: $3.25/MMBtu; and hot water price:
$3.84/MMBtu

4.8 Install VFD on Constant Air Volume Systems

The building heating load and cooling load varies significantly with weather and
internal occupancy conditions. In constant air volume systems, a significant amount
of energy is consumed unnecessarily due to humidity control requirements. Most
of this energy waste can be avoided by simply installing a VFD on the fan without
a major retrofit effort. Guidelines for VFD installation are presented separately for
dual duct, multi-zone and single duct systems.
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» For a single fan dual duct constant air volume system, a VFD and two static
pressure sensors should be installed
v" During normal operating hours, the fan speed should maintain the static

pressure set point in both ducts. When the building thermal load is less
than the design value, both ducts carry air flow. The pressure loss through
the main duct is significantly less than the design value. The use of a VFD
can avoid having this reduced duct loss show up as additional pressure
loss at the terminal boxes, thus saving fan power. More importantly,
over-pressurization of the terminal box dampers with accompanying
leakage is significantly decreased. Noise problems may also decrease
significantly.

v" During weekends or at night, flow can easily be reduced using the VFD.
Compared with running the fan at full speed, this saves significant
amounts of fan power, heating energy and cooling energy. More
information can be found in ‘“Variable Speed Drive Application in
Dual Duct Constant Air Volume Systems” [Joo et al. 2002].

» For multi-zone systems, the VFD can be controlled using zone dampers
v" During the cooling season, the VFD should maintain at least one zone

cooling damper at 95% open or at another chosen value

v" During the heating season, the VFD should maintain at least one zone
heating damper at 95% open or at another chosen value

v" A minimum fan speed should be used to prevent air circulation problems
in the zones during the swing seasons. Generally speaking, the minimum
fan speed should be no less than about 50%, but may vary depending on the
type of diffusers.

v' The installation of the VFD combined with the control recommended
achieves true VAV operation for multi-zone systems. Ideally, the
multi-zone system with a VFD supplies cooling to at least one zone
during the summer and heating to at least one zone during the winter.
The airflow to each zone changes proportionally with the zone load
assuming constant supply air temperature.

» For a single duct constant air volume system, the VFD should be installed if
nighttime shut down cannot be implemented. The VFD can be used to reduce
flow at night and on weekends.

» For a single zone constant air volume system, VFD installation may be feasible
if the system operates for at least 5000 hours per year

EXAMPLE:

A single-fan, dual-duct constant air volume system serves a four-story building
with a gross floor area of 68,000 sq.ft. The unit was installed in the 1960s in the at-
tic. The initial design airflow rate was 57,000 cfm supplied with a 100 hp. fan. The
motor was later downsized to 60 hp. to reduce the noise level. The total airflow rate
1s now 48,000 cfm.
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Figure 4-19

Figure 4-20

Chapter 4 + Page 30

A VFD was installed and the supply fan was operated at 80% of full speed for eight
days from February 11-19, 2001. The system was then controlled to maintain a con-
stant static pressure set point (0.7 in. H,O) from February 19-27, 2001.

Figure 4-19 presents the measured hourly total air flow for the constant fan speed
and the constant static pressure control modes. The total air flow decreased from
48,000 cfm to 41,000 cfm when the operation was switched from constant speed to
constant static pressure control. This airflow reduction indicates that the terminal
boxes are actually pressure dependent. However, the total airflow reduction did not
affect thermal comfort.
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Figure 4-19. Measured Hourly Total Air Flow for Both the CSFS and the VSFS Operations

Figure 4-20 compares the measured hourly supply fan power for the constant speed
and constant static pressure operation. The average fan power was reduced from
35.8 kW for the CSFS operation to 23.1 kW for the VSFS operation. The average fan
power savings of 12.7 kW corresponds to a 35% reduction in fan power. More details
may be found in Joo et al. [2002].
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4.9 Airflow Control for VAV Systems

Airflow control of VAV systems has been an important design and research subject
since the VAV system was introduced. An airflow control method should: (1) ensure
sufficient air flow to each space or zone, (2) control outside air intake properly, and
(3) maintain a positive building pressure. These goals can be achieved using the
variable speed drive volume tracking (VSDVT) method.

Figure 4-21 presents the airflow control schematic of the new VSDVT method. The
physical (hard) input signals include the supply and return fan heads, the supply and
return air static pressures, the return air temperature, the mixed air temperature,
the outside air temperature and the return air or the critical zone CO, concentra-
tion. The output signals include the supply fan VSD speed command, the return fan
VSD speed command, the outside air damper command and the return and relief
air damper command. The temperature signals are used for airflow control during
economizer cycle operation.

The VSDVT has four control loops: the supply fan speed, the return fan speed, the
return air damper position and the outside air damper position. For the supply fan
speed loop, the controlled variable is the supply air static pressure. The controlled
device is the VSD of the supply fan. This control loop maintains the set point of the
supply air static pressure by modulating the supply fan VSD speed.

For the supply air control loop, the controlled variable can be the static pressure set
point or the maximum air damper position. To minimize the supply fan energy, the
optimal supply air static pressure should be developed based on guidelines in sec-

tion 4.3 of this chapter. The supply air fan speed is modulated to maintain the static
pressure set point or the damper position.
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Figure 4-21. Airflow Control Schematic of the VSDVT Method

For the return fan speed loop, the controlled variable is the return airflow rate. The
controlled device is the return air VFD. The controlled loop output is the return fan

Figure 4-21
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Equation 4-12

Equation 4-13

Equation 4-14
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VFD speed. The return airflow set point equals the difference between the supply
air flow and the building exhaust and air exfiltration.

VrZVs_Vax_Vexf

The supply air flow can be calculated using equation 4-13 based on the supply fan
VSD speed (o) and the fan head (H)). The coefficients a , a, and a, are polynomial
regression coefficients of fan head against fan air flow at the design fan speed. The
fan curve can be obtained from the fan performance cut sheet.
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The sum of the exhaust air flow and exfiltration can be approximated as a constant
as long as the building is maintained at a constant value of positive pressurization.
This condition depends primarily on the building envelope. The tighter the building
envelope, the smaller the value.

The return air flow is calculated using equation 4-14 according to the return fan
VSD speed (o) and the return fan head (H ). The coefficients b, b, and b, are the
polynomial regression coefficients of fan head against fan air flow at the design fan
speed. The fan curve can be obtained from the manufacturer’s cut sheet.
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The control loop modulates the return fan speed to maintain the return airflow set

point.

For the outside air damper loop, the controlled variables are the return air static pres-
sure and the return air or the critical zone CO, concentration when the economizer
is not activated, or the mixed air temperature when the economizer is activated. The
controlled device is the outside air damper. The set point of the CO, concentration
should be predetermined using engineering principles. The set point of the return air
static pressure is zero. The controller modulates the outside air damper to maintain
both the CO, and the return air pressure set points only when the return air damper
is in its maximum open position. If the return air static pressure is lower than the set
point, the controller opens the outside air damper farther regardless of the CO, con-
centration. This prevents negative building pressure when the fresh air requirement
of the occupants is less than the mechanical exhaust and the exfiltration. When the
economizer is activated, the controller modulates the outside air damper to maintain
the mixed air temperature set point.



For the return air damper loop, the controlled variable is the return air or the critical
zone CO, concentration when the economizer is not activated, or the mixed air tem-
perature when the economizer is activated. The controlled devices are the return
air and the relief air dampers. The relief and the return air dampers are interlinked.
When the relief air damper is in the minimum position, the return air damper is
in the maximum position. The return air damper loop is activated only when the
outside air damper is in the fully open position. The controller decreases the return
air damper opening if the CO, concentration is higher than the set point, or if the
mixed air temperature is higher than the cold deck set point during the economizer
cycle. Conversely, the controller increases the return air damper opening if the CO,
concentration is higher than the set point or if the mixed air temperature is higher
than the cold deck set point.

The VSDVT method reduces the fan energy by using the improved static pressure
reset and decoupling the outside and return air dampers. It implements the volumet-
ric tracking using the VSD speeds and the fan heads, and uses CO, demand control
to minimize outside air intake. The method can result in significant building pres-
surization control improvement and significant energy savings.

Figure 4-22 presents simulated building pressure, outside air flow, and fan power
for the typical fan tracking (FT) control method. The damper positions are selected
to provide the required minimum outside air flow when the supply fan provides
60% of the design air flow to the building. Outside air flow and building pressure
are shown as ratios with respect to design flow and pressure. The outside air, the
return and the relief air dampers are fixed at the initial condition regardless of the
load conditions. A constant static pressure set point is used. The return air fan speed
tracks the supply air fan speed.

The simulation results indicate that the outside air intake decreases as the total air
flow decreases when the FT method is used. The AHU provides more than the
design value of outside air to the space when the total air flow is higher than 60%
of the design air flow. When the total air flow is at the design level, the outside air
intake is 210% of the design flow. The building pressure decreases from the design
value to negative values when the supply air flow is less than 54%. The typical con-
trol method used today is prone to TAQ problems, or high thermal energy consump-
tion and building pressure control problems due to the introduction of inadequate or
excessive amounts of outside air.
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Figure 4-22

Figure 4-23
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Figure 4-22. Simulated Building Pressure, Outside Air Intake and Fan Power Using Typical Fan Tracking Control

Figure 4-23 presents the simulated results of the VSDVT method. The VSDVT
method maintains constant building pressure and the required outside air intake.
The fan power is significantly lower than the typical method used today.

More information can be found in “Variable Speed Drive Volumetric Tracking for
Air Flow Control in Variable Air Volume Systems” [Liu 2002].
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Figure 4-23. Simulated Building Pressure, Outside Air Intake and Fan Power Using VSDVT Control

Figure 4-24 presents simulated VSDVT fan power savings compared with the typi-
cal method. The fan power savings are expressed as the ratio of the power savings to
the design fan power. The maximum fan power savings are 37% for the return fan
and 17% for the supply fan. Therefore, the VSDVT method can result in significant
fan energy savings. The annual savings strongly depend on fan airflow distribution.
Maximum fan energy savings would be achieved if the fan air flow is near 85% of
the design value all of the time.
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Figure 4-24. Potential Fan Power Savings of the VSDVT Method

4.10 Improve Terminal Box Operation

The terminal box is the end device of the AHU system. It directly controls room
temperature and air flow. Improving the set up and operation are critical for room
comfort and energy efficiency. The following CC™ measures are suggested:

» Set minimum air damper position properly for pressure dependent terminal
boxes. The minimum air damper position may be set based on ideal parallel
damper characteristics. For example, if the minimum air flow is 30%, the
minimum damper position is often set at 40% open. Under partial load
conditions, the actual static pressure on the terminal box damper is higher
than under full load conditions. Therefore, the actual minimum air flow can
be 50% to 100% higher than the intended flow. The minimum damper
position should be fine-tuned under partial load conditions.

» Use a VAV control algorithm for constant air volume terminal boxes. Set the
minimum air flow at the maximum for a constant airflow box during occupied
hours. The terminal box will behave the same as a constant air volume
terminal box. Set minimum air flow to zero or almost zero during unoccupied
hours in order to significantly improve energy performance.

» Use airflow reset. Reset the minimum air flow to a lower value, possibly zero,
during unoccupied hours and lightly occupied hours.

» Integrate lighting and terminal box control. Occupancy sensors are
increasingly used to turn lights off when a space is unoccupied. Reset the
minimum airflow lower, or to zero, and turn off lights when the occupants are
not present. Note that this signal should not be used to change the room
temperature set point.

> Integrate airflow and temperature reset. The potential energy savings of room
temperature reset are relatively small for the following reasons:

v" The minimum airflow ratio (minimum airflow over the design airflow) is
often higher than the load ratio during unoccupied hours. No savings will
occur.

Figure 4-24
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Commercial buildings have high thermal capacity. Heat stored during
unoccupied hours is eventually removed by the AHU during occupied
hours.

The chiller efficiency is higher at night than during the daytime. The
electricity price may be also higher during the daytime. Temperature resets
may actually increase cost.

In large commercial buildings, airflow reset may result in the same amount of sav-
ings produced by combined air flow and temperature reset.

» Improve terminal box control performance. The following tips can help
significantly:

v

v

Set a minimum 2°F dead band between the heating and cooling set points.
This will prevent frequent switching from heating to cooling or vice versa.
Set the terminal box maximum air flow to the highest possible value. If a
box has a capacity of 500 cfm, the maximum air flow should be
programmed to 500 cfim instead of the design value of 400 cfm. This may
reduce the maintenance effort and decrease hot complaints. However, this
may overload the fan during start up. Therefore, this can only be
implemented in a limited number of terminal boxes. A fan speed
limit should also be implemented for start up.

Set the minimum air flow based on actual building use rather than design
values. For example, if the ventilation air was designed for 6,000 people
and the actual census is 1,800 people, set outside air for 1,800 people.

Use different minimum airflow set points to minimize energy waste.
Some perimeter reheat zones have their minimum flow set based on the
heating load. The required minimum flow during the cooling season is
often lower.

Verify flow sensor accuracy. If the inlet conditions are poor and not
compensated in the flow sensor calibration, a calibration should be
conducted.

More information can be found in “Terminal Box Airflow Reset: An Effective Op-
eration and Control Strategy for Comfort Improvement and Energy Conservation”
[Liu et al. 2002] and “Optimization Control Strategies for HVAC Terminal Boxes”
[Zhu et al. 2000]

EXAMPLE:

Airflow reset was implemented in a dual duct variable air volume system in a medi-
cal building in Houston, Texas. The AHU had 45 terminal boxes with a 40 hp. supply
air fan. The design air flow was 19,650 cfm. The occupied hours were from 8:00 a.m.
to 7:00 p.m., Monday through Friday.



The design schedule required a minimum air flow from 40% to 70% with an aver-
age of 60%. This schedule was used during occupied and unoccupied hours. Air-
flow reset changed the minimum air flow to 20% for all boxes. Since the exhaust
air fan could not be turned off, the minimum air flow from the AHU maintained
the positive building pressure. To save fan power, the static pressure was at 0.5 in.
H,O.

Airflow reset can be implemented using existing box control algorithms for some
terminal boxes when the airflow reset is built into the box controller. Most termi-
nal box controllers, however, do not have this option, which was the case for this
building. Two box control schedules were programmed in the central control sys-
tem. The daytime terminal box control sequence had a higher minimum airflow
set point than the nighttime control sequence. At the beginning of the occupied
period, the daytime control schedule was downloaded to each box. At the begin-
ning of the nighttime period, the nighttime schedule was downloaded to each box
from the central control system. The download was automatically performed using
a schedule based on the time of the day and the day of the week. Airflow reset was
implemented on the last week of September 1997. The hourly ambient temperature
and variable frequency drive (VFD) speed were recorded from August 1 to No-
vember 25. The airflow rate was calculated using VFD speed, design fan head and
VEFD speed.

Figure 4-25 presents the airflow ratio versus ambient temperature during unoccu-
pied hours. Before implementation of airflow reset (August 1 to September 23), the
nighttime air flow varied from 60% to 70% of the design value. After implementa-
tion (October 1 to November 25), the nighttime air flow varied from 20% to 30%.
The airflow reset decreased air flow by 40% of design flow during unoccupied
hours.
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Figure 4-25. Comparison of Air Flow Before and A fter Airflow Reset During Unoccupied Hours (Airflow Ratio is
defined as the ratio of the air flow to the design air flow)
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